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a b s t r a c t

An experimental study was performed to investigate the heat transfer characteristics of the mixed con-
vection flow through a horizontal rectangular channel where open-cell metal foams of different pore den-
sities (10, 20 and 30 PPI) were situated. A uniform heat flux was applied at all of the bounding walls of the
channel. For each of three values of the uniform heat flux, temperatures were measured on the entire sur-
faces of the walls. Results for the average and local Nusselt numbers are presented as functions of the
Reynolds and Richardson numbers. The Reynolds number based on the channel height of the rectangular
channel was varied from 600 to 33000, while the Richardson number ranged from 0.02 to 103, extending
over forced, mixed and natural convection. Second important parameter that influences the heat transfer
is the aspect ratio of the foams. Three different aspect ratios (AR) as 0.25, 0.5 and 1 are tested. Based on
the experimental data, new empirical correlations have been constructed to link the Nusselt number. The
results of all cases were compared to that of the empty channel and the literature. We found that our
results were in agreement with those that are mentioned in the literature.

� 2009 Published by Elsevier Ltd.
1. Introduction

Porous media with high thermal conductivity have emerged as
an effective method of heat transfer enhancement due to their
large surface area to volume ratio and to intense mixing of the
flow. Use of metal foams in heat transfer applications is novel. Con-
sequently, numerous investigations have been carried out on this
subject in the recent past. For instance, Leong and Jin [1] performed
an experimental study focused on oscillating flow through a rect-
angular channel filled with open-cell metal foam. They used alumi-
num foams of 10, 20 and 40 PPI (pores per inch) as the porous
media and presented data on pressure drops and velocities. Their
results showed that the oscillating flow characteristics in an
open-cell metal foam were governed by the kinetic Reynolds num-
ber Rew(Dh) based on a hydraulic diameter and the dimensionless
flow displacement amplitude ADh. In a follow-on study [2], these
authors used the same porous media to obtain the heat transfer
performance of metal-foam heat sinks subjected to oscillating
flows of various frequencies. The results for the length-averaged
Nusselt number for both oscillating and steady flows indicated that
higher heat transfer rates could be obtained in metal foams sub-
jected to oscillating flow. Another application of metallic-foam
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porous media was investigated by Hetsroni et al. [3] in connection
with a device for cooling transmission windows of an accelerator.

In other applications that appear in the literature, the metal
foams were used in heat exchangers because of its high heat trans-
fer capabilities. For example, Boomsma et al. [4] used open-cell
metal foams as compact heat exchangers. It was shown that the
open-cell metal foam heat exchangers gave rise to thermal resis-
tances that are nearly one-third of the best available conventional
heat exchanger. Zhao et al. [5,6] performed analytical studies of
forced convection heat transfer characteristics of pipes filled with
high-porosity, open-cell metal foam [5] and of foam-filled heat
exchangers [6]. In the former study [5], it was shown that both
the pore size and the porosity of metal foams played important
roles in overall heat transfer performance. The latter study [6]
showed that the thermal performance of a metal-foam heat ex-
changer could be superior to that of conventional finned-tube heat
exchangers.

Tzeng et al. [7] investigated airflow passing through a rotating
serpentine channel inside aluminum-foam material. The governing
parameters were found to be the Prandtl, Reynolds, Grashof, and
rotation numbers. Furthermore, they found that heat transfer be-
tween the fluid and solid phases was greater in the with-foam case
than in the case without foam. For example, the Nusselt number
increased by approximately 20% when foam was used.

Dukhan et al. [8] considered only one pore density, 10 PPI, in a
one-dimensional numerical analysis of heat transfer in open-cell
metal foams. The model combined conduction in the ligaments
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Nomenclature

Dh channel hydraulic diameter, 2HW/(H+W),m
G gravitational acceleration, m/s2

GrDh Grashof number based on the channel hydraulic diame-
ter

h heat transfer coefficient, W/m2 K
H channel height, m
I current, (amp)
kair thermal conductivity of air, W/m K
K permeability, m2

Lf length of the aluminum foam, m
L length of the channel, m
n number of the temperature on the surface
NuHi local Nusselt number,
NuH average Nusselt number,
Pr Prandtl number
ReH Reynolds number based on the channel height
RiDh Richardson number

T temperature, �C
Tw mean surface temperature, �C
V mean air velocity m/s,
W width of the aluminum foam, m

Greek symbols

b thermal expansion coefficient, 1/K
e porosity
l dynamic viscosity, kg/m s
m kinematic viscosity, m2/s
h dimensionless temperature
q density, kg/m3

Dx spacing between thermocouples, m

Subscripts

B bulk
I surface column index (i = 1,2,. . .,6)
In inlet
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and convection to the coolant passing through the pores. The anal-
ysis showed that the temperature decayed exponentially along the
foam in the flow direction. Recently Tzeng and Cheng [9] have
investigated the convective heat transfer and pressure drop in por-
ous channels in which the flow enters the channel through a 90-
deg turn. Aluminum foams with a porosity of 0.93 were used in
that study, and the size of the aluminum foams was fixed. Their re-
sults showed that the wall temperature was a maximum where the
entering flow impinges on the duct wall. Ould-Amer et al. [10] pre-
sented some numerical results for laminar forced convection cool-
ing of heat generating blocks mounted on a wall in a parallel plate
channel. The effect of insertion of a porous matrix between the
blocks on the heat transfer was taken into account. The results
showed that the insertion of the porous medium may enhance
the heat transfer rate on the vertical sides of the blocks.

Table 1 summarizes existing studies of forced convection air
flow and heat transfer in porous media situated in rectangular
ducts with uniform wall heat flux. The table indicates the porous
material and its geometry. In the forth column of the table is a list
of Nusselt number correlations. Since the geometrical and operat-
ing conditions of the cited experiments varied widely, an exact
Table 1
Summary of experimental work for forced convection heat transfer in air passing through

Investigators Porous Material PPI Correlation (Nu)

Tzeng and Jeng [9] Al foam 10-40 NuH ¼ 21:1Re0:457
H

Leong and Jin [13] Al foam 40 NuH ¼ 12:3A0:95
o Re0

H

Hsieh et al [14] Al foam 10-20-40

0:51Re0:38
Dp for10P

Nu ¼ 0:44Re0:44
Dp for

0:63Re0:46
Dp for40P

Tzeng [11] Al foam 10 NuH ¼ 4:835Re0:52
H

Noh et al [15] Al foam 10 Nu ¼ 23:1Re0:4
Dh Pr�0

Calmidi and mahajan [16] Al foam 5-10-20-40 Nu ¼ 0:52ðReH
eH Þ

0:5Pr

Zukauskas [17,18] Copper and Steel Alloy 10-20-30-60

0:76Re0:4
D Pr

Nu ¼ 0:52Re0:5
D

0:26Re0:6
p P

Ichimia [19] Ceramic foam 20 Nu ¼ 2:43Re0:4
Dp 65 6

Hwang et al [20] Al foam 10 Nu ¼ 0:32Re0:6
Dp 190

Hwang et al [21] Sintered bronze beads None
Nu ¼ 0:081ð1� eÞe

Nu ¼ 21:65ð1� eÞe
comparison among the respective Nusselt number results is nearly
impossible. For example, the definitions of the characteristic
dimension in the Nusselt number varied widely; for example, the
hydraulic diameter, the channel height, the cell diameter, and
others.

Present work includes the heat transfer analysis of the flow
passing through a rectangular channel in which aluminum foam
plate is located. The channel is heated by uniform heat flux on
the top and bottom sides of the channel, varying 1879, 4378, and
9560 W/m2. Varying Reynolds number from 6 � 102 to 3.3 � 104

means both laminar and turbulent flow are considered as flow re-
gions. Richardson number is selected in the range of 0.02–103,
which indicates the existence of the natural, mixed and forced con-
vection heat transfers.

2. Experimental study

2.1. Setup and procedure

The setup includes the air facility, test section and instruments.
Air from the quiescent laboratory room is driven into the operators
a porous medium situated in a rectangular duct with uniform wall heat flux

Notations and definitions

:31 A0 is dimensionless maximum flow
displacement,PI

20PPI

PI

DP is equivalent spherical diameter of
porousmedia,

:1Da0:09

0:37 e is porosity of the porous heat sink

0:371 6 Red 6 4

Pr0:374 6 Red 6 103

r0:37103
6 Red 6 2x105

Red is the local Reynolds number.d is shape
factor (d ¼ ð1� eðð1�eÞ=0:04ÞÞdf df is fibre
diameter of metal foam

ReDp 6 457

0 6 ReL 6 7800

2Re1:35
d Pr0:33ðDp=dÞ0:35forRed 6 75

2Re0:59
d Pr0:33forRed 6 350

d is diameter of fiber or sphere of the porous
heat sink



Fig. 1. Pictures of aluminum foam samples with various PPI values.

Table 2
Thermo-physical parameters and dimensions for aluminum foam

Pore density (PPI) 10 20 30

Materials Al-6101 Al-6101 Al-6101
Porosity, e 0.93 0.93 0.93
Permeability, K (m2) 1.04E-7 0.76E-7 0.63E-7
Legends, Lf (mm) 62 62 62
Width, W (mm) 52 52 52
Height, H (mm) 13 8 8

I. Kurtbas, N. Celik / International Journal of Heat and Mass Transfer 52 (2009) 1313–1325 1315
by means of a downstream-positioned blower. The air enters a long
hydrodynamic development length (L/Dh � 100) in order to estab-
lish a well-defined velocity profile at its downstream end. The
downstream end of the development section is mated to the inlet
of the test section. The test section proper is a rectangular duct
filled with a metallic porous medium. To provide geometric flexi-
bility, the test section was designed to allow for cross-sectional as-
pect ratios of 0.25, 0.5, and 1. The length of the test section in the
flow direction was held fixed at 62 mm. The downstream end of
the test section was, in turn, mated to an extension of the test sec-
tion walls, but without the porous medium. At the far end of the
downstream section, an isolation device was installed to decouple
any possible blower-motor vibration.

Heating of test section was accomplished on all of its bound-
ing surfaces by means of a very tightly wrapped silicon-rubber-
sheathed heating element. The heating element was backed by a
sheet of 2-mm-thick extruded polystyrene insulation. As a fur-
ther defense against extraneous heat loss, the entire ductwork
including the test section and the upstream and downstream
sections were carefully wrapped with a 100-mm-thick batt of
fiberglass insulation (k = 0.038 W/m K) having an aluminized
outer surface.

Temperatures were measured by thermocouples deployed
along the center span of the upper and lower walls of the test
section and its upstream and downstream extensions. The ther-
mocouples (Type T, 0.3-mm-diameter) had been specifically cal-
ibrated before their installation (0.05%). At all thermocouple
locations, the thermocouple junctions were pressed tightly
against the outer surface of the respective walls. Among the
thermocouples, 6 were positioned in the test section proper.
All told, 12 were affixed to the walls of the apparatus. In addi-
tion, two thermocouples were used to measure the fluid bulk
temperature, respectively positioned upstream and downstream
of the heated test section. The thermocouple voltages were col-
lected by ALMEMO 5990-0 datalogger and transmitted directly
to a personal computer.

For the measurement of the mass flow rate, a dedicated instru-
mented section, situated downstream of the extended test section,
was used. The instrumented section had been previously calibrated
against a rotameter.

The porous medium that filled the test section is aluminum
foam of three different geometric specifications: 10, 20, and 30
PPI. The foams are shown by scaled photographs in Fig. 1, and also
detailed thermophysical parameters and dimensions are and pre-
sented in Table 2.

The measurements were conducted for steady state conditions.
The maximum wall temperatures were kept constant at approxi-
mately 76 �C for each data run. The Reynolds number ReH based
on the channel height H varied from 6 � 102 to 3.3 � 104. The Rich-
ardson number varied over the range from 0.02 to 103.

2.2. Data reduction

In present paper, the average and local Nusselt number were
determined as functions of parametric values of the Reynolds
and Richardson numbers (or the Grashof number). The Prandtl
number of air is virtually constant over the temperature range of
the experiments.

The local Nusselt number may be defined as:

NuH;i ¼
qH

ðTw;i � T inÞkair
ð1:aÞ

where q is local heat flux from the wall to the flowing fluid (as-
sumed uniform on all surfaces which bound the porous medium)
and kair is thermal conductivity of the air. The temperature Tw,i is
defined as:
Tw;i ¼
ðTw;iÞupper þ ðTw;iÞlower

2
ð1:bÞ

This definition takes cognizance of the fact that in a mixed con-
vection flow, the temperatures at the upper and lower bounding
surfaces may be different. The subscript i denotes the axial location
at which the temperature is being measured.
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The quantity Tin serves as a reference temperature to form the
temperature difference in Eq. (1.a). It is the bulk temperature up-
stream of the inlet of the heated test section. The use of Tin as
the reference temperature merits some discussion. The reason for
choosing this reference temperature is to simplify, from the stand-
point of a user, the application of the present results. In virtually all
applications, the inlet bulk temperature is a known quantity.
Therefore, it is convenient to use it in the evaluation of the present
Nusselt number results to obtain the heat transfer coefficient. A
second reason for using Tin as the reference temperature is that it
provides continuity with results of previous investigations
[7,9,11]. On the other hand, the use of the local bulk air tempera-
ture may present a problem in that it is not known a priori and,
consequently, its use may complicate the evaluation of h.

The average Nusselt number was evaluated in accordance with
the following definition:

NuH ¼
R L

0 NuHdxR L
0 dx

ffi Dx
L

Xn

i¼1

NuH ð2Þ

where L is length of the test section; n is number of the temperature
measurement points on the surface, Dx is the spacing between the
two thermocouples.

Another quantity of practical utility is the temperatures on the
bounding walls of the heated test section. A dimensionless temper-
ature hw is defined as:

hw;i ¼
ðTw;i � T inÞ
ðqHÞ=kair

ð3Þ

where Tw is defined in Eq. (1.b)
The total power dissipated by the silicone-rubber-encased heater

may be represented by a heat flux qtot by making use of the area of the
heated surface. This heat flux may be subdivided into four compo-
nents: (a) convective heat flux q to the flowing air, (b) radiative heat
flux qrad at the external surface of the insulation, and (c) natural con-
vection qnatconv at the external surface of the insulation. This energy
balance is expressed by Eq. (5).
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Fig. 2. Average Nusselt number (NuH) as a f
q ¼ qtot � qrad � qnatconv ð4Þ

The sum of the last two terms of these equations is approxi-
mately 5%.

The Nusselt number results will be variously conveyed as func-
tions of the Reynolds, Grashof and Richardson numbers, respec-
tively defined as:

ReH ¼
qVH
l
¼

_m
lW

ð5Þ

GrDh
� gbqDh4

kairm2 ð6Þ

RiDh �
GrDh

Re2
Dh

ð7Þ

where

ReDh ¼
Dh

H

� �
ReH ð8Þ

The fluid properties which appear in the foregoing equations were
evaluated at the film temperature.

The uncertainty analysis, on the basis of 95% confidence level of
errors, has been carried out using the method by Kline and McClin-
tock [12]. The maximum uncertainties respectively associated with
the Nusselt, Reynolds, and Grashof numbers are estimated to be
5.3, 3.2, and 5.8%.

3. Results and discussion

3.1. Average Nusselt number results

The variation of the average Nusselt number (NuH) versus the
Reynolds number (ReH) is depicted in Fig. 2 for 10, 20 and 30 PPI
and AR = 1. As seen in the figure, the higher the pore density, the
higher the average Nu. Another aspect demonstrated in Fig. 2 is
1.5 2 2.5 3

nolds Number (Re
H

)
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x 10 4

q=9560 W/m 2

unction of Reynolds number for AR = 1.
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that: ‘‘the effect of Reynolds number on Nusselt number decreases,
particularly at high Reynolds numbers (ReH > 104)”. It is observed
that the effect of Reynolds number (ReH) on average Nusselt num-
ber decreases for 10 PPI when Re reaches the value of 9 � 103, and
a similar trend occurs for 20 and 30 PPI when Re reaches the value
of 8 � 103. The average Nusselt number increases up to 74% when
Reynolds number increases from 900 to 9 � 103. However, average
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Nusselt number increases approximately 21% when Reynolds
number increases from 9 � 103 to 3.1 � 104. Although a similar
trend is found for 20 and 30 PPI, this effect is shown at low Rey-
nolds number (approximately 8 � 103). Likewise, the pore density
has an important influence on the average Nusselt number. If the
pore density increases from 10 PPI to 20 PPI, the average Nusselt
number increases between 2% to 40% depending on Reynolds num-
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ber. However, average Nusselt number increases up to 145% when
the pore density is increased from 10PPI to 30 PPI.

The aspect ratio also changes the effect of Reynolds number on
the average Nusselt number (Figs. 3 and 4). For example, average
NuH number has a sharp decrease at ReH = 1.7 � 104 for AR = 0.5,
but when AR = 0.25 is considered, the decrement occurs at
ReH = 2 � 104 (Fig. 3). In Fig. 3, the decline of NuH with respect to
the decline of aspect ratio is plotted. When AR decreases from 1
to 0.5, the foam length causes a decrement in Nu number by 20%
for 10 and 20 PPI, and for 30 PPI the decrement is about 45%. The
decrease of the average Nusselt number is nearly 105% for the as-
pect ratio from 0.5 to 0.25 for 30 PPI, and all of these decreases fol-
low a similar trend for all Reynolds numbers (Fig. 4).

Richardson number is the mixed convection parameter which
shows the relative influence of natural convection compared to
forced convection for a particular problem. Modified Grashof num-
ber (GrDh) based on the hydraulic diameter and heat flux is used to
obtain Ri number. As a consequence of the above mentioned exper-
imental conditions, the Richardson number (GrDh/ReDh

2) was ob-
tained between 0.02 and 103. In this work, it is assumed that
forced convection is dominant for Ri 6 0.1 and natural convection
is dominant for Ri P 10, because fully developed turbulent flows
and laminar flow with low Grashof number have negligible buoy-
ancy effects. The variation of the average Nusselt number versus
Richardson number (RiDh) is given in Fig. 4 for AR = 1.
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If the definition mentioned above for the Nusselt number is
considered, the average Nusselt number for forced convection
must be the same even for different heat fluxes, because the
term Nu is equal to the dimensionless temperature gradient at
surface. From this point of view, the figure is an important crite-
rion for validating the experimental procedure. As seen from
Fig. 5, by decreasing the Richardson number, the effect of the
buoyancy flow decreases for each pore density. For 10 PPI, the
effect of Grashof number decreases by 2% at the value of
RiDh = 0.2. As can be observed from the above presentation, for
RiDh 6 0.2, forced convection flow is dominant because NuH is
nearly constant although the Richardson number changes. The
region after value of RiDh = 0.2 can be described as the mixed
convection dominated region, even though RiDh > 10. In other
words, the natural convection is not completely dominant, even
though RiDh > 10. If the effect of Richardson number on Grashof
number does not seem to change for different Grashof numbers,
then natural convection is dominant in that region. However, the
effect of Grashof number on NuH changes depending on the
Richardson number for each pore density as seen from the fig-
ure. This circumstance indicates that forced convection affects
NuH even though RiDh > 10. Besides, increasing the pore density,
buoyancy effect increases depending on the Richardson number.
Nevertheless, after RiDh = 10, the effect of the forced convection
shows a decreasing trend.
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3.2. Local Nusselt Number Results

Fig. 6 represents the local Nusselt number (NuH,i) for AR = 1 and
each pore density (10, 20 and 30 PPI). Effects of changes in the
Grashof number (GrDh) on the local Nusselt number are also shown
in Fig. 6. It can be seen that local Nusselt number increases with
Grashof number and pore density. The figure reveals that the alu-
minum foams greatly improve heat transfer. Additionally, the pore
density of the aluminum foam exhibits different thermal behav-
iors. As seen from the figure, the local Nusselt number has maxima
at the channel inlet and slowly decreases through downstream.
This behavior is exactly the same as that described in the prior re-
search [11]. Besides, the local Nusselt number slowly decreases up
to x/L = 0.8 for each pore density. After x/L = 0.8, it again slowly in-
creases. This increase can be explained by considering the buoy-
ancy-induced secondary flow and the effect of cell-velocity,
which increases towards at the end of the foam. The local Nusselt
number always increases with increasing Grashof number and the
pore density due to the buoyancy effect. The Richardson number
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(RiDh) is another important parameter which affects the heat trans-
fer, and consequently, the buoyancy effect. As can be seen in Fig. 6,
the local Nusselt number for RiDh ffi 0.1 is always higher than that
of RiDh ffi 1 and RiDh ffi 10. The buoyancy effects on the Nusselt
number are more clearly shown in the figure. The buoyancy driven
secondary flow has an important effect on the Nusselt number
from the inlet to the middle of the channel for each pore density.
The highest values of the Nusselt number are obtained for 30 PPI.

Fig. 7 plots the local Nusselt number for AR = 0.5. The figure
shows clearly the effect of the aluminum foam on the heat transfer.
It can be seen that the heat transfer decreases in the later part of
the test section in which aluminum foam is absent (empty region).
The Nusselt number is maximum at the channel inlet and slowly
falls up to x/L = 0.4. After the distance x/L = 0.4, the Nusselt number
decreases rapidly because of decreasing swirl intensity of the air,
and the effect of increasing cell-velocity. After x/L = 0.5 where
forced convection dominated flow occurs, the buoyancy-induced
secondary flows decays, and no differences between distributions
of the Nusselt number occur. For 10 PPI and RiDh ffi 0.1, the Nusselt
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number at x/L = 0.6 is nearly 18% lower than that of at x/L = 0.4. The
decrement percentages are 35% and 64% for 20 and 30 PPI, respec-
tively. The results show that the Nusselt number obtained in the
distance which is filled with aluminum foam is higher than that
of the distance without foam. It can be concluded that at high Rey-
nolds number and Grashof number, the effects of buoyancy-driven
secondary flow on the Nusselt number increase. Also, the effect of
the aluminum foam on the buoyancy-driven secondary flow be-
comes more important.

Fig. 8 presents the local Nusselt number distributions at vari-
ous � values for AR = 0.25. Although a similar trend is shown in
Fig. 7 and Fig. 8, the local Nusselt numbers obtained from
AR = 0.25 are slightly different from the ones obtained at AR = 0.5.
Nusselt number at x/L = 0.25, for 10, 20 and 30 PPI, are nearly
38%, 55% and 78% lower than that of at x/L = 0.4, respectively. It
must be taken into consideration that at the end of the aluminum
foam, the Nusselt number decreases more rapidly with increasing
pore density. This circumstance is related to the effect of cell-
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velocity. The results indicate that the mean flow is forced to move
at a relatively higher velocity at the end of the aluminum foam
(x/L = 0.25). Nusselt number for 20 PPI, reduced from 484 to 226,
under the conditions of GrDh ffi 1.6 � 106 and RiDh ffi 0.1. For 30
PPI, under the conditions of GrDh ffi 1.8 � 106 and RiDh ffi 0.1,
Nusselt number seems to decrease from 662 to 218. This result is
also based on cell-velocity, because the aluminum foam of 10 PPI
allows continuing the buoyancy effect up to the end of test section.
But, for 30 PPI, there is no substantial change in the Nusselt
number after the distance x/L = 0.4. This can be attributed to the
fact that the empty region is not affected much from the buoy-
ancy-driven secondary flow, and is mainly affected by forced con-
vection due to the mean flow velocity and cell-velocity.

Fig. 9 has been prepared similar to Figs. 6–8 in order to show
more clearly the effects of the aspect ratio on the Nusselt number.
The figure represents the Nusselt number for each aspect ratio and
pore density at GrDh ffi 2 � 106 and RiDh ffi 0.1. It is also clearly seen
that local Nusselt number is individually different from each other
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for even the same heat flux value as mentioned in Section 2.2. At
the start of the tests, the authors suspected that the local Nusselt
number in the region with aluminum foam might have the same
value under the conditions of same heat flux and same Re number
albeit without changing of aspect ratio. But, it is seen that the local
value of the Nusselt number changes depending on the length of
the aluminum foam at even the channel inlet. This case can be ex-
plained by two reasons: one is the fin effect of the aluminum foam;
the other is due to the increase in the local velocity which changes
depending on the aspect ratio of the aluminum foam in the
channel.

3.3. Dimensionless temperature results

In Fig. 10, the ratio of heat transfer from top and bottom of the
channel is shown. This ratio ((Tw,i)upper/(Tw,i)lower) is a criterion for
the buoyancy driven flow on both sides. In order to determine
the heat transfer ratio, the local temperatures were measured on
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both top and bottom of the channel as mentioned in Section 2.1.
This heat transfer ratio is given in terms of local surface tempera-
ture ratio in Fig. 10. If physical behavior of the natural convection is
considered, the heat transferred by natural convection is from the
bottom surface. It does not mean that the natural convection heat
transfer completely occurs on the bottom surface. However, it is
predicted that the forced convection heat transfer dominates on
the top surface of the channel. As seen, in the entrance and exit re-
gion of the channel, the heat transfer variations show almost a
forced convection balanced by buoyancy-driven secondary flow
for 10 and 20 PPI and AR = 1. With increasing the pore density
(30 PPI), the effect of the buoyancy driven flow slowly increases
because the temperature differences increase with the increase
in the pore density at x/L = 0.03 and 1. The trend is found to be sim-
ilar in the variation of the ratio of surface temperature ((Tw,i)upper/
(Tw,i)lower) for each pore density. Fig. 10 reveals that the heat trans-
ferred from the bottom surface is more than that of the top surface.
This is a result of the buoyancy forces, which is mainly accelerated
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by the bottom surface. The most important parameters on the
buoyancy driven flow are the pore density and Grashof number.
The effect of the pore density on the ratio of the local temperatures
((Tw,i)upper/(Tw,i)lower) is in the range of ca. 8–14%. The temperature
differences indicate that the increase in the heat transfer from the
bottom surface is around 14% higher than that of the top surface
for 30 PPI with GrDh ffi 1.8 � 106 and RiDh ffi 0.1.

Fig. 11 represents the local surface temperature ratio for three
different aspect ratios (AR) and 30 PPI. As seen, the aspect ratio
and the Grashof number have an important effect on the ratio
of heat transfer between the top and bottom surfaces. The high-
est buoyancy driven flow is obtained for the highest aspect ratio
(AR = 1) and Grashof number. The heat transferred from bottom
surface is less than 5% than that of the top surface. However,
even for AR = 1, the buoyancy driven flow on the bottom surface
begins to lose its influence after the distance of x/L = 0.3. The
most important parameter for buoyancy driven flow is the Gras-
hof number in the region with and without the aluminum foam.
In the region without aluminum foam, although buoyancy effect
speedily falls between the distances of x/L = 0.4 and x/L = 0.6 for
AR = 0.5, and between the distances of x/L = 0.25 and x/L = 0.4
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for AR = 0.25, the buoyancy driven flow on the bottom surface
is higher than that of the top surface, since; (i) the direction of
the air changes locally due to untidy cell geometer of the alumi-
num foam, (ii) turbulent flows occur in the latter region of the
aluminum foam although the cell-velocity relatively increases
in the inlet and at the outlet of the aluminum foam. Hence, the
heat transfer increases too. It can be clearly seen that at the dis-
tance x/L = 0.7, the ratios of top to bottom heat transfer obtained
for AR = 0.25 are approximately equal to the values obtained for
AR = 0.5. This circumstance is related to the relationship between
the cell-velocity and mean air velocity; i.e. the influence of the
cell-velocities decreases after the distance x/L = 0.6, and the mean
air velocity dominates at that region for AR = 0.25. However, for
AR = 0.5, cell-velocities dominate up to the end of the test
section.

Fig. 12 shows the dimensionless temperature variation along
the channel surface with porous medium. It is obvious that the
temperature is its minimum level at the inlet and then it is rising
along the channel length. Both the trend of the temperature distri-
bution and values of the temperatures also have a good agreement
with the Ref. [9].
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4. Conclusions

An experimental study was carried out for the case of assisting
mixed convection in a rectangular horizontal channel heated top
and bottom surface and filled with the aluminum foam. Enhance-
ment of heat transfer from the aluminum foam under mixed con-
vection conditions was investigated. The test fluid was air at room
temperature. In this study, aspect ratio (AR) was varied from 0.25
to 1; pore densities (PPI) were 10, 20 and 30; Reynolds number
(ReH) varied from 6 � 102 to 3.3 � 104 and Grashof number (GrDh)
approximately varied from 105 to 107. We can extract concluding
remarks from this study as follows:

� Average Nusselt number increases proportional to the pore den-
sity, in a horizontal rectangular channel which is filled with alu-
minum foam.

� Average Nusselt number increases very rapidly with respect to a
critic value of Reynolds number. After this critic value, it slowly
decreases. The critic value of ReH can be changed according to
pore density and aspect ratio of foam in channel; i.e., increasing
aspect ratio can increase the critic Re number, on the other hand
increasing pore density can decrease the critic value.

� Aspect ratio is proportional to Nusselt number.
� For high values of GrDh and ReH, local NuH numbers also

increases to high levels.
� In present paper, Richardson number is in the range of 0.01–100.

Almost for all pore densities, forced convection is dominant for
RiDh < 0.1. However, for RiDh > 10, the effect of mixed convection
still continues.

� For AR < 1, at the point where the metal foam ends, the local
Nusselt number sharply decreases. This situation is explained
by the cell velocity level. The larger the pore density is, the
higher the cell velocity is.

� Increasing GrDh number increases the buoyancy effects. The cell
velocity is based on the pore density and the pore density itself
has important effects on the buoyancy secondary flows.
� In the two cases of with foam and without foam, the buoyancy
driven flows are effective on the bottom side of the channel.

� In the region with foam, due to two reasons, the heat transfer
increases; (a) fin effect of foam and (b) the behavior of the foam
as a turbulator. The pore density also contributes to this
increment.

According to data obtained from this work, heat transfer in-
creases especially for the foam of the highest pore density (30
PPI). For the aspect ratio AR = 1, and ReH < 8.103, the use of foam
has important advantages. In present study, the experiments are
carried out for a limited range of RiDh and GrDh, due to the limited
capacity of the fan and the AC power supply. The authors’ opinion
is that taking Ri >> 1 can be more useful in order to have more de-
tailed data in the mixed convection region.
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